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Abstract 
There are concerns both about the excess usage of limited fossil 
fuels reservoirs, and the environmental emissions production of 
fossil fuels such as CO, CO2, NOX, UHC and particles which 
may have long term effects on sustainable development and 
providing welfare and convenience for future generations. 
Internal combustion engines have caused the largest 
contribution to these problems. The most common internal 
combustion engines are gasoline engines which cannot be 
replaced completely from vehicle fleets due to technical 
benefits. In this study, a spark ignition engine cycle simulation 
based on the first law of thermodynamics has been developed. 
The model effectively described the thermodynamic processes 
and chemical state of the working fluid by considering a closed 
cycle containing compression, combustion, ignition delay and 
expansion processes. The two-zone model was used for 
simulation of the combustion process and the species including 
CO2, CO, H2O, H2, N2, O2 , NO and UHC were considered as 
exhaust gases. The model predicted the trends and tradeoffs of 
the engine performance characteristics including indicated 
power, IMEP, ISFC and emissions. Finally, the model has been 
used to carry out a parametric study of the engine to evaluate 
the effects of a number of engine parameters. This analysis 
showed the capability of the model to predict engine 
performance characteristics over the various ranges of engine 
parameters. 
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Abbreviations and Subscripts: 

A : Area 
aBDC       : after BDC 
aTDC        :  after TDC 
bBDC : before BDC 
bTDC : before TDC 
B : Cylinder bore, [m] 
BDC : Bottom Dead Centre 
C : Carbon atom 
CR : Compression Ratio 
CO : Carbon Monoxide 
CO2 : Carbon Dioxide 
D : Length, [m] 
EVC : Exhaust Valve Close 
EVO : Exhaust Valve Open 
Expt. : Experiment 
H : Hydrogen atom 
H2 : Hydrogen gas 
H2O  : Water Vapor 
IMEP  : Indicated Mean Effective Pressure 
ISFC  : Indicated Specific Fuel 

Consumption 
IVC : Inlet Valve Close 
IVO : Inlet Valve Open 
K : Thermal conductivity of the 

mixture, )..( 11 −− KmW  
MFB    : Mass Fraction Burned 
MBT : Maximum Brake Torque 
N : Cylinder moles, [mole] 
N : Engine speed, [RPS] 
N2 : Nitrogen 
NO  : Nitrogen Oxide 
O : Oxygen atom 
O2         : Oxygen gas 
P :  Pressure, [Pas] 
PPM : Parts Per Million 
R  : Ratio of connection rod length to 

crank    radius  
R : Flame radius, [cm] 
Re : Reynolds number 
Rpm : Revolution per minute 
ST : Spark Timing [degree] 
T : Temperature, [K] 
T : Time, [s] 
TDC : Top Dead Center 
U : Flame speed, [m/s] 
UHC : Unburned Hydrocarbons 
V : Volume, [m3] 
W : Work [J] 
WOT : Wide Open Throttle 

0P   : Atmospheric pressure,[bar]  

vC  : Specific heat capacity at constant 
volume, ]..[ 11 −− KkgJ  

tK              : Flame factor 
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θ          : Crank angle, [radian] 

q  : Heat Transfer Flux, [W/m2] 

R  : Universal gas constant, 
]..[ 11 −− KmoleJ  

Φ  : Equivalence Ratio 
Subscripts: :  
1 : Initial state of the interval 
2 : Final state of the interval 
B : Burned gas 
F : Flame 
G : Gas 
L : Laminar 
M : Number of hydrogen in the fuel 

formula 
N : Number of carbon in the fuel 

formula 
T : Tubular 
U : Unburned gas 
W : Wall 
X : Number of oxygen in the fuel 

formula 
 

1. Introduction  
The energy crisis is one of the important issues which attract a lot 
of concern in human societies, especially with world energy 
consumption increasing considerably. As the main resource of 
energy in the world is fossil fuels, energy consumption growth not 
only decreases available energy reservoirs but also increases 
environmental emissions. If the pollutants are not controlled 
considerably, there may be harmful effects on human health, 
living beings and societies. Also, there are expected concerns both 
about the excess usage of limited fossil fuels reservoirs, and the 
environmental emissions produced by fossil fuels such as CO, 
CO2, NOX, UHC and particles which may have long term effects 
on sustainable development and providing welfare and 
convenience for future generations. 

Between various consumers of fossil fuels, motor vehicles 
produce around 15% of global fossil fuel CO2 releases [1] and of 
this, the largest contribution belongs to internal combustion 
engines. 

The most common internal combustion engines are gasoline 
engines which are used more in road transportation. In spite of 
making efforts for complete replacement of gasoline engines with 
alternative fuels in automobiles, the gasoline engines cannot be 
replaced completely from the vehicle fleets. The lack of an 
alternative fuel with the ability of gasoline engine performance 
and the impossibility of rapid change in the infrastructure of the 
automobile industry has led to gasoline remaining as a main fuel 
in automobiles. 

In this context, the basis of new alternative fuelled engine 
technology of internal combustion engines is very similar to 
gasoline engines. The analysis of gasoline engines can be 
considerable in regards to the technical and environmental 
aspects. 

Over the years, the use of simulation codes to model the 
thermodynamic cycle of an internal combustion engine have 
developed into tools for more efficient engine designs and fuel 
consumption. The simulation models are valuable economically as 
cost effective tools for the parametric study of engine operations. 
G. H. Alla [2] simulated the engine cycle of a four stroke engine 
and proposed an arbitrary heat release formula to predict the heat 
transfer in the engine. He investigated the effect of some engine 

operating conditions on the engine performance characteristics. 
The results from the model have been checked with measured 
data. J. A. Caton [3] developed a thermodynamic simulation of the 
SI engine cycle. He studied the performance, energy and 
availability characteristics of the engine by using multiple zones 
for the combustion process. Also, he investigated the effect of 
compression ratio on nitric oxide emissions [4]. 

The combustion of SI engines itself is an extremely complex 
phenomena and many models have been developed with different 
levels of complexity and ability to simulate the combustion 
processes. In the simplest approach, the zero-dimensional model 
is used to predict combustion processes in the cylinder. However, 
the engine cannot conduct combustion at constant volume, i.e. 
instantaneously at TDC, because a real burning process takes time, 
the piston keeps moving and the cylinder volume changes. If this 
latter problem could be remedied by keeping the piston stationary 
at TDC while combustion took place and then moving it down the 
power stroke when all is burned, the Indicated Mean Effective 
Pressure (IMEP) and power would increase by some 50% [2]. In 
the quasi-dimensional model the entire cylinder contains two 
zones, burned and unburned. Obviously, this model is more 
accurate than that of a zero-dimensional model. In other models, 
the entire combustion chamber is taken to be three zones: 
unburned zone, adiabatic burned zone, and a boundary layer 
burned zone [5]. In this work the two – zone combustion model is 
applied for the combustion simulation. A first and second law 
analysis of a real spark ignition engine cycle has been developed by 
Rakopoulos [6]. He used an advanced one zone model for the 
combustion process and evaluated the engine characteristic 
parameters. The validation of the thermodynamical analysis of the 
cycle was done by comparing with the experimental results. R. S. 
Benson and co-workers [7] developed a simulation model for a 
single cylinder four stroke cycle spark ignition engine. They 
simulated a full engine cycle consisting of gas exchange processes 
with NO emissions. They used two-zone model for modeling the 
flame front propagation in the cylinder. A good agreement 
between the predicted and measured NO over a range of 
equivalence ratios considered was noted. 

In the present work, a spark ignition engine cycle simulation 
based on the first law of thermodynamic has been developed by 
stepwise calculations for compression process, ignition delay time, 
combustion and expansion processes. The building blocks of the 
model are mass and energy conservation equations. Equations 
cannot be solved analytically and Newton-Raphson method was 
used to solve the equations numerically. The two-zone model was 
used to simulate the combustion process. The burned gas zone 
and unburned gas zone are separated by a thin flame front and the 
flame front propagates spherically throughout the combustion 
chamber.  

The model effectively describes the thermodynamic processes 
and chemical state of the working fluid via a closed system 
containing compression, ignition delay, combustion, and 
expansion processes. The model predicts the trends and tradeoffs 
by theoretical thermodynamically based analysis of the spark 
ignition to determine the performance characteristics over a wide 
range of design and operating variables. Experimental data are also 
presented to indicate the validity of the model. The predicted 
results based on the model have shown reasonable agreement with 
the corresponding experimental data. 

2. Thermodynamic modeling of the engine 
cycle 
The basis of the thermodynamic modeling is the first law of 
thermodynamics. The compression, ignition delay, combustion 
and expansion processes are divided into small intervals. In every 
interval, a small volume change occurs corresponding to crank 
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angle rotation. The total internal energy before and after each 
interval is balanced to calculate variations of temperature, 
pressure, work and heat transfer to the cylinder wall. More 
accurate calculations are obtained using smaller changes in the 
interval. 
 

In the model, the work is approximated by: 
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W∆ denotes work change in the interval. Also, the convective 
and radiative heat transfer rate has been predicted with empirical 
correlation equation proposed by Annaned [8]. The heat transfer 
rate from cylinder gas to the wall is calculated as: 
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The value of coefficient a varies between 0.35 and 0.8 with 
respect to the charge motion intensity and engine design. The 
value of b is 0.7, and c is )./((10429.0 428 KmW−×  for spark 
ignition engines. The heat transfer area is considered as: 
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The heat transfer from piston face area has been ignored. The time 
interval has been expressed as: 
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2.1. Compression and expansion strokes 

In every interval of the compression and expansion strokes, the 
initial gas temperature and pressure of the compression are 
defined. The first guess for temperature at the end of each interval 
may be obtained by assuming an isentropic change from the initial 
state. 

Then, the first estimation is evaluated by the first law of 
thermodynamics and corresponding to the error in the equation (

QWEEerror ∆−∆+−= 12 ), temperature is corrected by Newton 
– Raphson formula: 
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(7) 
The old and new subscripts denote the first guess and the 

modification of temperature, respectively. The reference for 
calculation of specific heat capacity at constant volume as a 
function of temperature is [8]. The pressure at the end of each 
interval can be obtained by considering the state equation of the 
ideal gases as following: 
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Then, the first law of thermodynamic is examined for new 
values of T and P. In every interval, the calculation is repeated 
until the first law of thermodynamics is satisfied with the required 
accuracy. It is obvious that during the compression, the 
composition of the cylinder gas is considered constant, but, in the 
expansion stroke, the composition is changed in every interval due 
to dissociation reactions. 

2.2. Ignition delay and combustion process 

In the quasi-dimensional combustion model, the cylinder is 
divided into two zones separated by a thin flame front. The flame 
front propagates spherically throughout the combustion chamber 
to the point that it contacts the cylinder wall and head. Therefore 
the volume of burned zone and mass fraction burned in each step 
is determined by cylinder geometry. Cylinder contents are 
assumed to be ideal gases and the equation of state is employed. 
The laminar flame speed is calculated from an empirical 
expression for propane-air mixture [7], which has been used in this 
work: 
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A number of other laminar flame theories have been given in 
other reference [8].  The relationship between the turbulent flame 
speed and laminar flame speed is modelled as: 

ltt UKU ×=  (10) 

tK is the flame factor which is obtained by the following 

expression: 

rpmbKt ×+= 1  (11) 

where b is a constant between 0.0017 and 0.0020 and is related to 
the type of engine and turbulence. The best approximation of the 

value of tK  can be obtained by comparing the simulated 

pressure-time diagram with the experimental data. The flame 
radius variation has been calculated by [7]: 
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Once the flame volume has exceeded 0.001 of the total 
volume, the compression stroke has finished and the flame is 
assumed to appear. After initiation of the combustion stroke, the 
following simulation steps have been used in the modeling of the 
flame propagation in the cylinder at the combustion process: (1) 
compression of burned zone and unburned zone with inclusion of 
heat and work transfer, (2) combustion of a thin layer of the 
unburned zone and formation of a new burned zone, (3) 
temperature equalization of new burned zone and old burned 
zone and (4) pressure equalization in the whole of cylinder.  

 
2.3. Emissions 

The combustion products and exhaust gases include seven species,

22222 ,,,,, ONHOHCOCO , NO and UHC . The following 
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four equilibrium reactions have been considered to obtain the 
equilibrium distribution of products: 

222
1 COOCO ↔+

                 
 

(13) 

222 HCOOHCO +↔+   (14) 

222 )2(2 OxnOHCHmnCO xmn −+↔+
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(16) 

By considering conservation of the atomic mass of O, H, N and 
C (four equations) and using the equilibrium constants method for 
equilibrium reactions (four above equations), the concentrations 
or molar fractions of the eight mentioned species can be obtained. 
Newton-Raphson method is used as a numerical method for 
solving equations to finally converge to a solution. Also, the 
Zeldovitch mechanism was used for non-equilibrium NO 
formation. 
 

3. Results and Discussion 

3.1. Experimental data 
All tests were performed in the engine testing laboratory of 
Irankhodro Powertrain Company (IPCO). A XU7 JP/L3 four 
cylinder research spark ignition engine is used in this research. 
Technical specifications of the engine are given in Table 1. The 
engine is made to run at various ranges of speed at Wide Open 
Throttle (WOT) conditions. Gasoline composition with research 
octane number of 95.7 is used in the test with mass percentages of 
carbon 85.55, hydrogen 13.74 and oxygen 0.71. 

Table 1 Engine specifications 
Item Specification 
Engine Type XU7 JP/L3 
Number of Cylinder 4 
Bore [mm] 83 
Stroke [mm] 81.4 
Con. Rod length [mm] 143.1 
Load (%) 100 
Equivalence Ratio [Φ] 1.1 
Speed [rpm] 1500-4500 
Spark Timing [ST] MBT 
Compression Ratio [CR] 9.2 
IVO [deg]  8.5    bTDC 
IVC [deg] 29.3  aBDC 
EVO [deg] 43.3  bBDC 
EVC [deg] 5.6   aTDC 

3.2. Model Validation 

Experimental data are presented to indicate validity of the 
developed thermodynamical model. The performance 
characteristics of the engine including indicated power, IMEP, 
(Indicated Specific Fuel Consumption) ISFC and emissions are 
compared with corresponding experimental results. 

3.2.1. Pressure and Temperature of the Cylinder 
Contents 

Figure 1 shows the variation of cylinder pressure with respect to 
crank angle at 3000 rpm at WOT. According to the Figure 1, the 
predicted pressure change has good agreement with experimental 
results. In the simulation, the predicted pressure – crank angle 
diagram is compared with the experimental pressure data to 
obtain the proper tubular flame speed and the flame factor of the 
cylinder contents. For the conditions considered, there is a 

difference in the peak pressure. This is due to the fact that 
misfiring and crevice effects have not been considered in the 
simulation but in fact both phenomena exist in experimental 
findings and lower the peak pressure. 

 
Figure 1 Cylinder pressure versus crank angle (Φ: 1.1, CR: 9.2, ST: 16 bTDC, 

3000 rpm and WOT (Model :  , Experimental data : - - - )) 
 

The variation of cylinder temperature versus crank angle at 
3000 rpm at WOT is shown in Figure 2. The trends of temperature 
change for unburned (Tu) and burned (Tb) zones are consistent 
with the literature [7-9]. 

 
Figure 2 Cylinder temperature versus crank angle (Φ: 1.1, CR: 9.2, ST: 16 

bTDC, 3000 rpm and WOT) 
 

3.2.2. Indicated power and IMEP 
Figure 3 shows the engine indicated power and IMEP in the range 
of 1500 – 4000 rpm engine speed. 

 
Figure 3 Indicated power and IMEP versus engine speed (Φ:1.1, CR: 9.2, ST: 

16 bTDC and WOT (Model :  , Experimental data : , )) 
 

According to Figure 3, the values and trends of the predicted 
power and IMEP coincide with the experimental data. The engine 
indicated power is increased as speed of the engine is increased 
due to increases in the number of cycles per time. 
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3.2.3. Fuel consumption 

The fuel consumption of the engine at various engine speeds is 
shown in Figure 4. It is found that higher ISFC is obtained at 
higher engine speeds. When the engine runs at high speed, it 
consumes more fuel to obtain higher power. The predicted results 
based on the model show reasonable agreement with the 
corresponding experimental data. 

 
Figure 4 ISFC versus Engine Speed (Φ: 1.1, CR: 9.2, ST: 16 bTDC and WOT 

(Model:  , Experimental data : )) 

4.2.4 Emissions 

Table 2 and 3 shows the CO2, CO, NO and UHC (unburned Hydro 
Carbons) concentration in the exhaust gases at various speeds. 
According to these tables, emissions predicted by model have 
good agreement with corresponding experimental results. Since 
the effects of crevices in the engine have not been included in the 
theoretical model, the predicted results for UHC concentration are 
lower than that of the experimental data. 

Table 2 Prediction of CO2 and CO Emissions at various engine speeds 

Speed (rpm) 
CO2 (%volume ) CO (%volume ) 
Model Expt. Model Expt. 

1500 12.52 13.05 3.81 2.97 
2000 12.50 13.02 3.78 2.78 
2500 12.47 13.01 3.73 2.67 
3000 12.44 - 3.90 - 
3500 12.49 - 3.81 - 
4000 12.49 - 3.85 - 

 
Table 3 Prediction of UHC and NO Emissions at various engine speeds 

Speed (rpm) 
UHC(ppm) NO (ppm) 
Model Expt. Model Expt. 

1500 648 2779 1195 1369 
2000 1325 1908 1208 1135 
2500 1252 1766 1324 1469 
3000 1397 - 1395 - 
3500 1313 - 1536 - 
4000 1509 - 1635 - 

3.3. Parametric study 

According to previous section, the model shows good agreement 
with experimental data. Therefore, the model is a good tool to 
study the performance characteristics of the engine over a range of 
operating variables. 

3.3.1. Effects of Equivalence Ratio 

Equivalence ratio is an operating variable which affects 
performance and fuel consumption of the engine. Figure 5 
illustrates the variation of the engine indicated power and IMEP 
for equivalence ratios in the range of 0.8 to 1.3. It is seen that the 
maximum power and IMEP are obtained at equivalence ratio of 
about 1.1 due to more complete combustion than at other 
equivalence ratios. 

 
Figure 5 Indicated Power and IMEP versus equivalence ratio, 

CR: 9.2, ST: 16 bTDC, 3000 rpm and WOT 
 

The effect of equivalence ratio on ISFC and combustion 
duration is presented in Fig. 6. Obviously, the higher fuel 
consumption is obtained with increasing equivalence ratio. In the 
higher equivalence ratio the cylinder mixture will be richer. As 
expected, the combustion is most efficient in the equivalence ratio 
of 1.1 and therefore the duration of combustion to release the fuel 
energy is minimum. Therefore as it can be seen in Figure 6, the 
predicted combustion duration is decreased when the equivalence 
ration is near to 1.1. 

 
Figure 6 ISFC and Combustion Duration versus Equivalence Ratio, CR: 9.2, 

ST: 16 bTDC, 3000 rpm and WOT 
 

The burning rate of fuel is an important combustion 
characteristic that approximately reflects the rate of cumulative 
heat release in the combustion process. The simulation model 
predicts the mass fraction burned (MFB) by considering burned 
zone volume in each step versus equivalence ratio, shown in the 
Figure 7. The burning rate of fuel is maximum at the equivalence 
ratio of 1.1 as a result of faster flame propagation. 

In fact, operating at lean or rich mixtures the MFB is 
decreased. This is because of oxygen deficiency and incomplete 
combustion on the rich side of the equivalence ratio. On the lean 
side of the equivalence ratio, the low temperature of the flame is 
the main reason for MFB reduction. So, the flame temperature is 
low at rich and lean mixtures resulting in the slope of the curve for 
Φ=1.1 being the highest. It is notable that the variation of 
equivalence ratio has considerable effect on the rate of burning 
and heat release as expected. As shown in Figure 7, the slowest 
rate of burning belongs to Φ = 0.8 at which the temperature of the 
flame is the lowest. 
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Figure 7 Mass Fraction Burned versus Equivalence Ratio, CR:9.2, ST: 16 

bTDC, 3000 rpm and WOT 

3.3.2. Effects of Compression Ratio 

In Figure 8 the indicated power and IMEP is plotted with respect 
to compression ratio. Both indicated power and IMEP increase 
with increasing compression ratio. The power rises by 18% for 
compression ratio of 7 to 11. 

 
Figure 8 Indicated Power and IMEP versus Compression Ratio, Φ: 1.1, ST: 

16 bTDC,  3000 rpm and WOT 
 

The effect of compression ratio on ISFC and combustion 
duration is shown in Figure 9. The ISFC is decreased by 15% for a 
change of compression ratio from 7 to 11. Also, the combustion 
duration is reduced in this range from 30 degrees to 27 degrees. 
This is due to the fact that when the pressure of the cylinder 
content is increased; the combustion process occurs more 
efficiently and therefore the ignition delay decreases.  

 
Figure 9 ISFC and Combustion Duration versus Compression Ratio Φ: 1.1, 

ST: 16 bTDC, 3000 rpm and WOT 

The effect of compression ratio increase on the MFB is 
presented in Figure 10. In this figure, the MFB is increased for 
higher compression ratios due to better combustion and higher 
fuel energy release rate. 

 

 
Figure 10 Mass Fraction Burned versus Compression Ratio Φ:1.1, ST: 16 

bTDC, 3000 rpm and WOT 

3.3.3. Effects of Spark Timing 

In the SI engine, if ignition is too early, work will be wasted in the 
compression stroke. On the other hand, if ignition occurs too late, 
the indicated power is lower due to lower peak pressure of 
combustion. So, there is an optimum timing for spark for which 
the maximum torque is obtained. This timing is called Maximum 
Brake Torque (MBT). It is clear that the indicated power and IMEP 
is maximum at 16 bTDC (MBT timing). These trends are shown in 
Figure 11. 

 
Figure 11 Indicated Power and IMEP versus Spark Timing, Φ: 1.1, CR: 9.2, 

3000 rpm and WOT 
 

In Figure 12 the variation of ISFC and combustion duration 
with respect to spark timing is seen. According to this figure, the 
ISFC is minimum at MBT. At this point, the power is maximum 
according to Figure 8. As expected, at less or more than MBT spark 
timing, the fuel consumption is increased due to power 
decreasing. This trend is also seen for the combustion duration. As 
expected, the shortest combustion duration belongs to MBT 
advance spark timing. 

 
Figure 12 ISFC and Combustion Duration versus Spark Timing, 

Φ: 1.1, CR: 9.2, 3000 rpm and WOT 
 
Referring to Figure 13, the rate of mass burning is decreased if 

the spark timing is retarded. This is because of decreasing 
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temperature of cylinder content and as a result the reduction of 
flame speed propagation. 

 
Figure 13 Mass Fraction Burned versus Spark Timing, Φ: 1.1, CR: 9.2, 3000 

rpm and WOT 
 

4. Conclusions 
 
In this study, a thermodynamic cycle simulation model for a 
conventional four-stroke gasoline SI engine has been developed. 
The model is primarily based on the first law of thermodynamics. 
The simulated cycle was a closed cycle which included 
compression, ignition delay, combustion and expansion processes. 
A two-zone model for the combustion process simulation has been 
used. The performance characteristics and emissions 
concentration of SI gasoline engine are predicted by the model. To 
check the validity of the model, the theoretical results were 
compared with the corresponding experimental results. It is found 
that the simulated results show reasonable agreement with the 
experimental data. Parametric studies have been carried out for 
investigation of the equivalence ratio, compression ratio and spark 
timing effects on the engine performance. Within the context of 
sustainability, such models could be utilised for application with 
alternative fuels or to predict and improve the emissions from 
conventional fuels. 
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